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Abstract

New experimental techniques were developed to measure the in-tube condensation heat transfer coef-

ficient. In this study, very low heat dissipation rates such as several watts from the mini-channel could be

estimated and low mass flow rates below the 0.2 kg/h could be measured with reasonable uncertainties. To

the authors� knowledge, these techniques provide a unique experimental apparatus for measuring the

condensation heat transfer coefficients inside the sub-millimeter hydraulic diameter single channels. By

careful design and construction of the experimental apparatus, the characteristics of the local heat transfer
and pressure drop were experimentally investigated using the condensing R134a two-phase flow, in a

horizontal single round tube, with an inner diameter of 0.691 mm. Tests were performed for a mass flux of

100–600 kg/m2s, a heat flux of 5–20 kW/m2, and a saturation temperature of 40 �C. The experimental data

of the Nusselt number and two-phase frictional pressure gradient are presented and compared with the

existing correlations.

� 2004 Elsevier Ltd. All rights reserved.

Keywords: Two-phase flow; Condensation; Heat Transfer; In-tube; Mini-channel

1. Introduction

Small hydraulic diameter tubes are widely used in residential and automotive air-conditioners.
Many of these tubes are made from copper and multi-port extruded aluminum. New applications
in the field of micro-electronics are another growing issue. Hence, prediction of the condensation
heat transfer coefficient and the pressure drop across small tubes is of great interest. It is difficult,
*
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however, to apply data for large tubes to small tubes, because there are many differences in the
relative magnitudes of gravity, shear, and surface tension forces, all of which determine the
characteristics of the condensation heat transfer and pressure drop.

With traditional experimental methods such as the secondary fluid (e.g., water) calorimetric
method, it is difficult to accurately test the local condensation heat transfer inside mini-channels.
Hence, there are large discrepancies between the results of previous studies. The experimental
methods as well as unidentified sources of uncertainties could be reasons for such discrepancies.
However, those uncertainties have been largely overlooked in the literature. Guo and Li (2003)
and Kandlikar (2003) addressed the importance of various sources of errors and a number of
issues related to experimental errors associated with micro-channel flows.

Garimellar (2003) presented an experimental technique using an additional secondary refrig-
erant loop for the measurement of low heat transfer rates over small decrements of refrigerant
quality and high heat transfer coefficient characteristics of the multi-port channels. This technique
resulted in uncertainties typically as low as ±2% in the measurement of the secondary loop heat
duty, at heat transfer rates less than 200 W. However, to test the condensation heat transfer inside
the sub-millimeter hydraulic diameter single channels, very low heat flows such as several watts
for the test section and low mass flows below the 0.2 kg/h should be controlled. There are
problems in controlling those flow conditions, such as heat flux, mass flux, quality, etc. Heat losses
in the small-scale heat transfer are another major source of inaccuracy. Hence, previous work
usually used multi-port extruded rectangular channels as a test tube and most of the experimental
work has been carried out by a so-called Wilson plot technique (1915). However, in the case of
multi-port channels, the uniformity of the cross-section dimensions along the channel flow length
and the channel-to-channel flow uniformity are significant (Kandlikar, 2003). In addition, the
flow rate fluctuation effects (due to flow instabilities) on the heat transfer and pressure drop in
multi-port channels may be different to those in a single tube. Kandlikar (2002) observed these
flow instabilities in the multi-channel evaporators. In his previous evaporation study (Kandlikar
et al., 2001), complete flow reversal was observed in some of the channels.

There have been very few previous attempts at measuring the condensation heat transfer
coefficients inside the sub-millimeter-scale hydraulic diameter channels, even in the multi-port
channels. Heun (1995) measured the R134a condensation data for multi-port flat extruded tubes
with different cross-section shapes and hydraulic diameters in the range 0:6 mm < Dh < 1:5 mm.
The cross-section shapes were circles, squares, triangles, enhanced squares, and small squares.
They concluded that Dobson (1994) correlation could predict the experimental data satisfactorily.
Their apparatus used an air-to-refrigerant cross-flow heat exchanger as a test section.

Webb and Ermis (2001) investigated the effect of hydraulic diameter on the condensation
coefficient and pressure drop using R134a. They used smooth and grooved rectangular multi-port
flat extruded aluminum tubes with hydraulic diameters of 0.44, 0.611, 1.33, and 1.564 mm. The
heat transfer to all of the tubes was reasonably well predicted by either the Akers et al. (1959) or
the Moser et al. (1998) equivalent Reynolds number models.

Koyama et al. (2003) performed flow condensation experiments using R134a in four kinds of
multi-port flat extruded aluminum tubes with rectangular cross-sections of about 1 mm in
hydraulic diameter: an 8-channel 1.062 mm hydraulic diameter plain tube, a 19-channel 0.807 mm
hydraulic diameter plain tube, an 8-channel 0.889 mm hydraulic diameter micro-finned tube, and
an 8-channel 0.937 mm hydraulic diameter micro-finned tube. Their mass flux ranged from 100 to
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700 kg/m2s, quality ranged from 0.0 to 1.0 at a constant inlet pressure of 1.7 MPa. They compared
frictional pressure drop and local heat transfer characteristics with previous correlations proposed
for relatively large diameter tubes. In the cases of plain tubes, the experimental data for the
frictional pressure drop were in good agreement with the Friedel (1979) correlation. Condensation
heat transfer data (except for the cases of low mass velocity) was relatively in good agreement with
the correlations supposed by Moser et al. (1998). Considering the effects of the surface tension and
kinematic viscosity, Koyama et al. proposed new correlations of the frictional pressure drop and
in-tube condensation heat transfer coefficient.

Kim (1996) investigated the condensation of R12 and R134a in nine multi-port flat extruded
aluminum tubes with rectangular cross-sections of 16 mm in width and 1.7 mm in height. The
experimental tubes were separated into 8–23 parallel channels by membranes. The hydraulic
diameters ranged from 0.717 to 1.171 mm. Kim reported that the condensation heat transfer rate
increased with the number of channels because the heat transfer area also increased. The pressure
drop increased with the mass flux, especially for the case with 23 channels. The heat transfer rate
initially increased with the number of fins, but for more than four fins, the heat transfer rate
decreased, due to the inundation of the condensate liquid.

In this study, totally new experimental techniques were developed to measure the in-tube
condensation heat transfer coefficient. With these techniques, very low heat dissipation rate and
mass flow rate could be measured with reasonable uncertainties. To the authors� knowledge, these
techniques provide a unique experimental apparatus for measuring the condensation heat transfer
coefficients inside sub-millimeter hydraulic diameter single channels. Using this experimental
apparatus, the condensation heat transfer coefficients of R134a inside a horizontal round tube,
with an inner diameter of 0.691 mm, at a saturation temperature of 40 �C were measured. The
condensation Nusselt numbers and two-phase frictional pressure gradients are presented and
compared with existing correlations.
2. Measurement techniques

2.1. In-tube condensation heat transfer coefficient

With the conventional test methods, it is very difficult to measure the small scale in-tube
condensation heat transfer coefficient accurately. The test tube size and refrigerant flow rate were
too small to measure the condensation heat transfer coefficient directly without introducing a
large error. In the present study, new techniques were developed for the measurement of con-
densation heat transfer inside the single tubes.

A conceptual schematic diagram of the measurement technique is depicted in Fig. 1. In this
figure, Tw is the average wall temperature of the test tube outer surface, Tsr is the average surface
temperature of the refrigerant tube side fin, and Tsh is the average surface temperature of the
heater tube side fin. The test section consisted of round copper tubes, a heater wire, an air duct,
and fans. An identical copper tube was attached to each fin. The refrigerant flowed horizontally
into one tube (the lower tube in Fig. 1) and a heater wire was inserted into the other tube
(the upper tube in Fig. 1). These fin and tube sets were mounted parallel to the cross-flow air duct.
The fan and heater wire were connected to variable DC power supplies. If the two average



Fig. 1. Conceptual schematic diagram of the test section.
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temperatures (i.e., Tsh and Tsr) at identical locations on the two fin surfaces were the same, then the
heat removal from the refrigerant tube and the heater tube would be also the same. However
under actual test conditions, it is difficult to make these average surface temperatures exactly the
same. Hence, following equations are used to estimate heat dissipation rate accurately even
though there is a small temperature difference (<0.5 �C) between two surfaces.

Heat transfer rate of each fin surfaces can be expressed like Eqs. (1) and (2).
_Qheater ¼ hshAshðTsh � TambÞ ð1Þ
_Qestimation ¼ hsrAsrðTsr � TambÞ ð2Þ
where _Qheater is the power input of the heater tube, hs is the airside average heat transfer coefficient
of the fin surface, As is the fin surface area, Tamb is the ambient air temperature, _Qestimation is the
estimated heat dissipation rate of the test tube, and the subscripts �h� and �r� refer to heater tube
side fin and refrigerant tube side, respectively. With this identical geometry of the test section, two
surfaces have the same area (i.e., Ash ¼ Asr). And with the similar fin surface temperatures, airside
heat transfer coefficients of both fins would be almost same (i.e., hsh ¼ hsr). Then, heat dissipation
rate could be estimated using Eq. (3)
_Qestimation ¼
Tsr � Tamb

Tsh � Tamb

_Qheater ð3Þ
The rate of heat dissipation (or heat flux in the test section) was controlled by varying the
revolutions per minute of the fan. Information about both the flow rate and temperature differ-
ence of the secondary fluid (i.e., air) was not required. From this concept, the heat flux was easily
controlled and measured. A heat loss problem did not exist in the test section, so no insulation
was required. Since short test section length could be used, it was possible to test with the low heat
transfer rates condition such as small decrements of the refrigerant quality. In addition, short test
section made more uniform fin surface temperature along the test tube, and then more accurate
measurement was possible. In this test, maximum fin surface temperature change along the
measurement locations was about ±0.8 �C.
2.1.1. Test section
Fig. 2 shows photography of the cross-flow air-cooled test section and the locations of ther-

mocouples installation. The test section had an effective length of 171 mm, and the smooth round



Fig. 2. Cross-flow air-cooled test section: (a) photograph of the test section and (b) locations of thermocouples

installation.
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copper test tube had a 0.691 mm inner diameter. A material of the fin surface is a copper. A
variable DC power supply was connected to the wire heater to measure the heat flux of the test
section. Straight nichrome wire of uniform diameter was used as a heater. Six T-type thermo-
couples were soldered onto the outer surface (three for top and three for bottom) of the test tube
at 28 mm intervals to measure the tube surface temperatures. Two sets of three thermocouples
were attached to each fin surface to measure the average fin surface temperature. Prior to
installation of the test section, the preliminary test was conducted to find the proper measurement
locations of the fin surface temperatures. As a result, Fig. 2(b) shows temperature measurement
locations of the test tube. With these locations, reasonable fin surface temperatures were obtained.
The refrigerant side saturation temperature was estimated from the measured pressure. To avoid
any gravitational effects on the pressure and pressure drop measurements, pressure transducers
and transducer ports were positioned parallel to the test tube so that both were in the same
horizontal plane. The pressures were measured 20 mm before the inlet, and after the outlet, of the
test tube.

Prior to measuring the condensation heat transfer coefficients, verification of this test section is
required. To do this, instead of flowing refrigerant in the test section, another heater wire was
inserted in the refrigerant side tube and DC power was supplied. Average fin surface temperatures
were measured and the heat dissipation rate from the test section was estimated according to Eq.
(3). Comparing results of this estimated heat dissipation rate with actual heater input power is
shown in Fig. 3. It shows reasonable results with a maximum error of 2.6% and standard devi-
ation of 1.4%. As shown in this figure, this test section made the measurement of very small heat
dissipation rates such as 0.75 W possible.



Fig. 3. Preliminary test result of the test section.
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2.2. Mass flow rate

To measure the condensation heat transfer inside the sub-millimeter tubes, very small mass flow
rates (such as below 0.2 kg/h) and a wide range of the mass flows should be measured accurately.
However, there is little information on how to measure mass flows in this range.

In front of the refrigerant circulation pump, the receiver is generally used to supply liquid for
the pump. Mass of the liquid in the receiver can be measured by determining the pressure at the
bottom of the receiver. The measurement apparatus for the mass flow rate in the receiver is shown
in Fig. 4. This receiver consisted of two identical tanks, two transparent tubes, two valves, and a
differential pressure transducer. The valves in the receiver tanks were all opened during normal
operation. The refrigerant liquid levels of the receiver tanks were equalized and stabilized during
steady-state conditions. When the lower valve of the receiver was closed, the liquid level of the
right tank decreased, and that of the left tank increased. A pre-calibrated differential pressure
transducer (Druck LPM 9481, variable inductance type, 0–2000 Pa, ±0.1% of the full scale) read
Fig. 4. Schematic of the mass flow meter.
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the differential pressure gradient between the two tanks; this reading was converted to the mass
flow rate as shown in Eq. (6)
Dp ¼ qgDh ð4Þ

Dm ¼ q
Dh
2
A ¼ Dp

2g
A ð5Þ

_m ¼ Dm
Dt

ð6Þ
where Dp is the pressure difference at the bottom of the two tanks, q is the density of the
refrigerant liquid, g is the gravitational acceleration, Dh is the liquid level difference of the two
tanks, Dm is the mass of the refrigerant flows during time Dt, and A is the inside cross-sectional
area of each tank.

Owing to the use of two tanks, it is possible to feed liquid into the pump while measuring
pressure, the sensitivity of the pressure measurement is doubled compared to that of a single tank.
Schnell (1997) introduced this measurement technique for very small liquid flows; below 0.2 l/h.
But with his device, it is difficult to accurately measure the mass flow rate of the liquid in the
saturation state. In most operating conditions, because of the sub-cooled liquid entering at the left
tank, pressure of the left tank is slightly lower than that of the right tank. For example, a tem-
perature difference of 0.01 �C for saturated R134a at 40 �C means a saturation pressure difference
of about 270 Pa. This pressure difference can induces backflow in the pressure equalizer pipe
between the tanks, this mass flow rate should be considered.

When the lower valve of the receiver tanks shown in Fig. 4 was opened and the upper valve
closed, the liquid level change rate of the tanks approximately represents the backflow rate. By
converting this liquid level change rate to vapor volume change rate, backflow rate can be estimated.

This flow rate measuring device has several advantages: measuring range can be easily changed
by replacing receiver tanks, no contamination problems, and there is almost no additional
pressure loss. Using this technique, mass flows below the 0.2 kg/h could be measured. Fig. 5 shows
the measured result of the R134a mass flow rate at 0.138 kg/h (¼ 2.3 g/min), with the before
mentioned device. Twenty data were recorded with 1.0 s intervals and the straight line means
slope of the pressure difference change. It shows linear and stable results.
Fig. 5. Measurement result of the R134a mass flow rate at 0.138 kg/h (¼ 2.3 g/min).
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2.3. Average inner diameter

As hydraulic diameter decreases, accurate information about cross-sectional dimensions be-
comes significant. Owing to the difficulties in measuring small dimension, manufacturer�s speci-
fication was usually used. However any difference with the actual dimension may induce large
uncertainties in measurement.

Direct measurement of the cross-section dimension is not easy because the tubes have no
uniform cross-section and it is difficult to cut tubes without burrs or distortion. Hence, an indirect
technique for the measurement of the average inner diameter of the tube is used. If the density of
the tube material is known, the average inner diameter of the tube can be calculated using the tube
average outer diameter, length, and mass as shown in Eq. (7).
D2
o � D2

i

D2
o

¼ Mtube

q pD2
o

4
L

� � ð7Þ
whereMtube is the mass of the tube, q is the density of the tube material, L is the length of the tube,
and the subscripts �o� and �i� refer to outer and inner, respectively.
2.4. Heat loss in the pre-heater

With these new measurement techniques for the condensation heat transfer coefficient, a heat
loss problem in the test section does not occur inherently. However, the heat loss problem in the
pre-heater still exists. In this small-scale heat transfer test, heat balance estimation is very sig-
nificant. Without accurate information about net heat input in the pre-heater, it is impossible to
control inlet conditions for the test section. Hence, the reduction of heat loss as well as the
accurate estimation of heat loss are both very significant.

In the pre-heater, a heater wire is inserted into the refrigerant tube instead of being wound onto
the tube. Since maximum surface temperature of the pre-heater tube was limited by the saturation
temperature of the refrigerant, heat loss was reduced greatly and was not changed largely
according to the operating condition. In addition, if surface temperature of the refrigerant tube
becomes saturation temperature without refrigerant flowing, then power input of the heater is
same as heat loss. By this principle, calculated heat loss using one dimensional cylindrical coor-
dinate conduction equation can be verified within maximum 10% accuracy. As a result, uncer-
tainty in the test section inlet quality at lowest mass flux condition is estimated as ±0.05.
3. Experiment

3.1. Experimental apparatus

By using the mentioned measurement techniques, the experimental apparatus was constructed.
The apparatus consisted of a circulation loop for the refrigerant, a water-cooled condenser, and a
data acquisition system. Fig. 6 shows a schematic diagram of the test apparatus except the data
acquisition system. The refrigerant circulation loop included a gear pump, a pre-heater, a test



Fig. 6. Schematic diagram of the test apparatus.

J.S. Shin, M.H. Kim / International Journal of Multiphase Flow 30 (2004) 311–325 319
section, a sub-cooling unit, and receivers. The R134a refrigerant was delivered to the test section
by a variable speed magnetic gear pump. The control valve could further adjust the refrigerant
flow. The refrigerant flow rate was measured using a differential pressure transducer installed
between the two receiver tanks. The electric pre-heater regulated the refrigerant quality at the inlet
of the test section. As described, to reduce the heat loss of the pre-heater, and to estimate its value
accurately, a heater wire was inserted inside the refrigerant tube. The cooling air flowing in the
duct of the test section condensed the refrigerant. Transparent Teflon tubes with a 0.75 mm inner
diameter were installed at the inlet and outlet of the test section. The water-cooled condenser (i.e.,
sub-cooler) was used to cool the fluid exiting the test section. After condensation, the liquid
refrigerant flowed back to the receiver. The operating pressure in the refrigerant loop was largely
controlled by the receivers, using attached strip heaters. Adjusting the heater power set the desired
temperature of the receivers and thus the loop operating pressure. The thermocouples were cal-
ibrated prior to their installation to an accuracy of ±0.1 �C.
3.2. Test conditions and methods

The experimental ranges are summarized in Table 1. Pure refrigerant R134a was used as the test
fluid. The tests were conducted for condensation at a 100, 200, 400, or 600 kg/m2 s mass flux. The
Table 1

Experimental conditions

Inner diameter 0.691 mm

Test section length 171 mm

Refrigerant R134a

Condensation temperature 40 �C
Mass flux 100, 200, 400, 600 kg/m2s

Heat flux 5, 10, 15, 20 kW/m2

Quality range About 0.15–0.85
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mass flow rate for this range was 2.3–13.5 g/min. Regulating the input power of the variable
speed magnetic gear pump changed the refrigerant flow rate in the tube. A constant heat flux of
5, 10, 15, or 20 kW/m2, based on the inside tube surface area, was maintained throughout each
test. The quality of the refrigerant entering the test section was controlled using the heater power
of the pre-heater, and the heat flux was maintained by modulating the power of the test section
fan.

3.3. Data acquisition

The test data was collected using a data acquisition system consisting of a data logger (Agilent
34970A), interface card (HPIB), and a compatible personal computer. The data was analyzed in
real time using a PC and a data reduction program (MS-Excel with a Visual Basic). All of the
information about the test conditions and test data were displayed on the monitor during the test,
the test conditions were changed, based on this information.

The average heat transfer coefficient was obtained from the average value of the integral of the
local heat transfer coefficient. For averaging, 20 data points were collected during 120 s. The heat
transfer coefficients and the pressure drops were fitted over a quality range from 0.15 to 0.85. The
thermodynamic and transport properties of R134a were calculated using REFPROP 5.1 (Huber
et al., 1996).

3.4. Data reduction

3.4.1. Condensation heat transfer coefficient
The average qualities of the refrigerant at the inlet and test section were calculated from the

energy balance in the pre-heater and the test section, respectively
xin ¼
1

ifg
iph;in

"
þ ð _Qph � _Qph;lossÞ

_mr

� if

#
ð8Þ

x ¼ xin þ
_Qtest

2 _mrifg
ð9Þ
where x is the quality, i is the specific enthalpy, the subscripts �in�, �ph�, �test�, �r�, �f�, and �g� means
the inlet of the test tube, the pre-heater, the test tube, refrigerant, liquid, and gas, respectively.
Here, the heat loss through the insulating foam of the pre-heater, _Qph;loss was calculated from the
one-dimensional cylindrical conduction equation. The pre-heater was divided into the two sec-
tions (sub-cooled and two-phase) and the heat loss from the each section was estimated,
respectively.

The condensation heat transfer coefficient and Nusselt number were calculated according to
h ¼ q00

Tw � Tr
ð10Þ

Nu ¼ hD
kf

ð11Þ
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where h is the heat transfer coefficient, q00 is the heat flux, Nu is the Nusselt number, D is the inner
diameter of the test tube, kf is the thermal conductivity of the refrigerant liquid, and Tw and Tr are
the average temperatures of the inside tube wall and the refrigerant, respectively. The heat flux
was determined using the inside tube wall area and total heat dissipation rate in the test section. Tw
was calculated from the temperatures measured at the outside tube wall using the one-dimensional
cylindrical conduction equation.

3.4.2. Two-phase frictional pressure drop
The pressure drop between the inlet and outlet of the test section was measured using a dif-

ferential pressure transducer. The overall pressure drop (measured in horizontal two-phase flow,
Dpexp) consisted of four components: the two-phase friction pressure drop ðDpfÞ, test section inlet
pressure drop ðDpinÞ, test section outlet pressure change ðDpoutÞ, and acceleration pressure change
ðDpaccÞ
Dpexp ¼ Dpf þ Dpin þ Dpout þ Dpacc ð12Þ

The inlet, outlet, and acceleration pressure changes were calculated using Eqs. (3.58), (3.50), and
(2.31) of Collier and Thome (1994). In the present experiment, the friction pressure drop was 92–
117% of the total experimental pressure drop depending on the operating conditions.

In most previous studies, average temperature of the refrigerant in the test section was obtained
simply by averaging inlet temperature and outlet temperature of the test tube. However, as the
hydraulic diameter decreased, inlet sudden contraction (i.e., DPin) effect becomes so large. Without
considering this effect, several percent errors in the heat transfer coefficient would be induced.
Hence, instead of using inlet and outlet temperatures, average refrigerant temperature was esti-
mated from average pressure of the test tube. By using Eq. (12), average saturation pressure of the
test tube was obtained and then average saturation temperature was estimated from this value.
Prior to installation, the relation between pressure transducer and temperature sensor was
checked using preliminary test.

3.5. Experimental uncertainties

Table 2 shows estimated experimental uncertainties using the method by Holman (2001).
Accounting for all of the instrument errors, the uncertainties for the average heat transfer coef-
ficient were estimated at ±3.5 (condition for lowest mass flux, highest heat flux, and lowest
quality) to ±19.9% (condition for highest mass flux, lowest heat flux, and highest quality).
4. Results and discussion

4.1. Condensation heat transfer

Fig. 7 gives the local condensation heat transfer behavior with the refrigerant quality and mass
flux. Where G is the mass flux of the refrigerant. The Nusselt numbers calculated from Shah
(1979) and Akers et al. (1959) are also shown in the figure. The local Nusselt number increased
with the refrigerant quality, as expected, except for low mass fluxes. The Nusselt number became



Table 2

Experimental uncertainties

Temperature ±0.1 �C
Pressure ±1.5 kPa

Pressure difference (test section) ±0.15 kPa

Pressure difference (receiver) ±2 Pa

Mass flux ±3.5%

Heat flux ±3.2%

Heat transfer coefficient ±3.5 to ±19.9%

Fig. 7. Local Nusselt number.
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more sensitive to the mass flux as the average quality increased. The same behavior was reported
by Wang et al. (2002) for R134a using multi-port extruded rectangular channels with hydraulic
diameters of 1.46 mm and a mass flux ranging between 75 and 750 kg/m2s.

The effect of heat flux on condensation heat transfer was discussed in several previous studies
(Yan and Lin, 1999; Yang and Webb, 1996). However, in this study, no evident relationship
between the heat flux and condensation heat transfer was found.

Shah correlation gives good agreement in mass flux 200–600 kg/m2. However, it also under
predicts heat transfer coefficient in the low mass flux condition and over predicts in the high mass
flux condition. Recent studies (Webb and Ermis, 2001; Wang et al., 2002; Yang and Webb, 1996;
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Kim et al., 1997) for the condensation heat transfer inside the small hydraulic diameters presented
that Akers et al. correlation predicted well with their results. In these experiments, Akers et al.
correlation under predicted in all regions. However, its discrepancies decreased as mass flux in-
creased.

It is inferred that flow pattern plays an important role in discrepancies between the experi-
mental results and predicted values of the correlations. From the flow observation at the outlet of
the test tube, stratified flow was not observed for all flow conditions in this small diameter tube.
More accurate heat transfer predictions require a flow visualization approach during condensa-
tion heat transfer.
4.2. Two-phase pressure gradient

Fig. 8 gives the two-phase frictional pressure gradient results as functions of the refrigerant
quality and mass flow rate. The pressure gradients calculated from Friedel (1979) correlation are
also shown in the figure. No relationship between the heat flux and pressure drop was found. As
would be expected, the local pressure drops increased with quality. However, the incremental rate
decreased above a certain quality, depending on the mass flow rate. For a low mass flux (100 kg/
m2s), the incremental rate decreased above a quality of 0.6; for a mass flux of 400 kg/m2s, the
Fig. 8. Two-phase frictional pressure gradient.
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incremental rate decreased above a quality of 0.7. As the quality or mass flux increased and the
liquid layer became thinner, the roughness of the liquid–vapor interface decreased and therefore
the pressure drop decreased (Christoffersen et al., 1993). This flow characteristic was verified by
flow pattern observations at the outlet of the test tube.

Friedel correlation gives good agreement in high mass flux condition and over predicts pressure
gradient in low mass flux condition. In the experiment, the pressure drop fluctuations were large,
except for high quality flow. The effects of surface tension in the flow patterns probably contribute
to these large fluctuations in the pressure drop. Since, average refrigerant temperature of the test
section is estimated from average refrigerant pressure, heat transfer coefficients are also influenced
by these large fluctuations.
5. Conclusions

Unique experimental techniques and test sections were developed to permit accurate mea-
surements of the flow condensation coefficient and mass flux in a mini-channel. It is believed that
by using these techniques, more fundamental studies for condensation heat transfer inside the
mini-channel will be possible.

The condensation heat transfer and pressure drop characteristics of R134a in a small diameter
single round tube were investigated by using newly developed experimental apparatus. The fol-
lowing main conclusions can be drawn from this experimental study:

• The Nusselt number and pressure gradient increased with the refrigerant mass flux.
• The Nusselt number and pressure gradient increased with the refrigerant quality, especially for

high mass fluxes.
• No evident effect of the heat flux was found in the heat transfer coefficients and frictional pres-

sure drop.
• Large pressure drop fluctuations were noted, except in the high quality flow range. Heat trans-

fer coefficients were influenced by these fluctuations.
• Comparisons of experimental data with existing heat transfer correlations reveal that both the

Shah (1979) and the Akers et al. (1959) correlations failed to predict the present data.
• Friedel (1979) correlation for pressure gradient gives good agreement in the high mass flux re-

gion. However, this correlation failed to predict the present data at lower mass flux.
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